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AbStRACt
Rotor systems play vital role in many modern day machinery such as turbines, pumps, aeroengines, gyroscopes, 
to name a few. Due to unavoidable unbalance in the rotor systems, there are lateral and torsional vibrations. Ignoring 
these effects may cause the system serious damages, which sometimes lead to catastrophic failures. Vibration level 
in rotor systems is acceptable within a range. Focus in this work is to minimize the vibration level to the acceptable 
range. One of the ways vibration level can be minimised is by means of providing damping. To accomplish this 
task in this work a new concept squeeze film damper is made by electro discharge machining which is compact 
in configuration, is filled with magneto-rheological (MR) fluid and tested out on one support of a Jeffcott rotor. 
This compact squeeze film damper (SFD) produces damping in a compact volume of the device compared to a 
conventional SFD. MR fluid is a smart fluid, for which apparent viscosity changes with the application of external 
magnetic field. This compact damper with MR fluid provides the variable damping force, controlled by an external 
magnetic field. In this work, proportional controller has been used for providing the control feedback. This MR 
damper is seen to reduce vibrations in steady state and transient input to the Jeffcott rotor. Parametric study for 
important design parameters has been done with the help of the simulation model. These controlled dampers can 
be used for reducing vibrations under different operating conditions and also crossing critical speed.
Keywords: Rotor; Squeeze film damper; Magneto rheological fluid; Vibration control; Ball bearing 
NoMeNClAtuRe 
µ Magnetic permeability of free space
µr Relative permeability
B Magnetic flux density
η Dynamic viscosity
C,  Damping Coefficient
K,  Stiffness of shaft
M, m Mass 
Funb Unbalance Force
Fd Damping force
X, x, Y, y Displacement
Ω Rotational speed 
ωn Natural frequency
T Damper plate thickness
c1 Damping land clearance
c2 Clearance between damper plate and end plate
l1 Flow length
R1 Radius of damping land
R2 Radius of the ‘O’ ring seal
ty (H) Yield stress
T Shear stress
H Magnetic field intensity
δ Logarithmic decay rate 
ζ Damping ratio  
1. INtRoDuCtIoN
The motivation for this work comes from the need for a 
compact and effective method of vibration control of rotors, 
like a compact squeeze film damper with active control. A 
squeeze film damper (SFD) reduces the dynamic load, which 
is transmitted to the bearings and can help to reduce the 
sensitivity to change in unbalance. A conventional SFD with 
squirrel cage, specially centralised SFD occupies space in the 
axial direction is unpredictable many times due to nonlinearity 
and is not compact. 
SFD has been used for over four decades in order to limit 
the vibration amplitude of rotor due to residual unbalance. A 
good review by Della1, et al. has been done on the Squeeze 
Film Damper and its development through the years. The 
major drawback of conventional SFD is its non-linearity of 
damping which nullifies the expected benefit. To counter these 
problems and make the squeeze film damper more controllable 
and predictable Walton & Heshmat2, presented a multi squeeze 
film damper (MSFD), in which within the clearance a single 
wrap of an Inconel spiral thin foil was inserted in a squeeze 
film damper, its ends attached to the damper journal and to 
the ring. Zeidan3, et al., and De Santiago4, et al. proposed and 
experimented an integral squeeze film damper (ISFD). With 
respect to conventional design, the new proposed design of 
the squeeze film damper has a substantial reduction in its axial 
dimensions. Received : 11 March 2018, Revised : 08 January 2020 
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Work by Ertas5, et al., on power turbines show that ISFD 
improves the stability margin by a factor of 12, eliminates 
the sub-synchronous instability and significantly reduces 
amplification factors at critical speeds. Moreover, by using 
ISFD the analysis shows a significant fall in inter-stage 
clearance closures during critical speed transitions in contrast 
to the hard mounted tilting pad bearing configuration. heidari6, 
et al. have presented a theoretical model for an active squeeze 
film damper (ASFD) as an option in the vibration control 
field. The design is based on the conventional SFD with the 
controllability characteristics of magnetic bearing, which 
allows the development of a variable force, and a change in 
fluid film stiffness and damping.
From the above it is seen that most work done is on 
conventional SFD however ISFD as a compact and linear 
damper for rotors with journal bearings has been studied 
previously by Zeidan3, et al. De Santiago4, et al. and Ertas5, 
et al. proposed compact SFD has similar features but with 
different configuration. In this work, a compact SFD is used 
with ball bearing with a smart fluid (MR Fluid), used as a 
viscous medium. This MR fluid controlled damper for such 
configuration is not yet reported in literature.
2. CoMpACt Squeeze FIlM DAMpeR
Similar to the compact design used for ISFD for fluid 
film bearings by ertas5, et al., in this work a compact SFD 
is made for mounting ball bearings (Figs. 1(a) and 1(b)). 
unlike conventional SFD, which have a 2π film of fluid, the 
new partitioned compact SFD fabricated by Srivastava6 does 
not allow any type of flow over the circumference and offers a 
different circumferential boundary condition for the film flow 
domain. 
The method for damping used in the compact SFD is 
ruled by piston/dash-pot damping, similar to ISFD, which is 
generated through fluid flow resistances at damping land and 
end seals. So logically the important design parameters of the 
compact SFD are the clearance of damping land and end seal 
clearances. Parametric analysis of this design is done in this 
work. This new design approach for energy loss using orifice 
“dashpots” and end seal provides a linear system which has 
less film cavitation and so produces damping force over a 
wider operating range5. The difference between conventional 
SFD with squirrel cage and the compact SFD technology 
is the eDM (electric discharge machining) manufacturing 
process which allows for single integrated bearing damper. 
This damper has two pieces: (1) outer rim and (2) inner rim, 
both machined from a single piece. The outer rim and inner 
rim are mechanically coupled with the help of eight EDM 
machined integral spring, which provides the radial static 
stiffness coefficient for the bearing support (Fig. 1(a)-1(b)) 
also the bearing houses in the inner rim. In the compact SFD 
when whirling of rotor takes place, S-shaped spring store the 
energy and transmit it to the damping land. The damping land 
squeezes the fluid, which flows through clearance provided 
with end plates. The damping force is generated due to viscous 
flow of fluid in damping land and in the clearance between end 
plate and damper plate. 
2.1 Mathematical Modelling of the Compact SFD
In the damping land fluid volume provides damping due 
to flow in the thin ‘channel’. The cross-sectional area of the 
flow out of the damper land is Ai equal to 1 1R cθ  (length of 
damping land * clearance), where R1 is inner radius of damping 
land shown in Fig. 1(a) and (b) and θ  is the angle made by 
ends of damping land (sector), Fig. 1, from the center of the 
damper. When the damping land squeezes, it will force the 
fluid to flow through damping land and channel (clearance) in 
end plates, damping will be provided by fluid flow resistance. 
There are two passages for fluid flow one on left and right side 
of damper plate. 
Both end plates are identical in geometry. end plate and 
damper plate have clearance C2 up to length l1. Damper plate 
thickness is denoted by t and damping land has clearance C1, 
(Fig. 1 b). To derive damping force due to viscous flow, it is 
necessary to understand the geometry of channels through 
which fluid will flow. geometry can be divided in two section, 
each section is identical in geometry.
In the damping land area of channel is 1 1R cθ  and effective 
length of channel is t i.e. thickness of damper plate. End plate 
will provide clearance c2 for fluid flow so cross sectional area 
for fluid in end plate will be 1 2R cπ , however in end plate radius 
is not constant in the direction of fluid flow, it is changing from 
Figure 1. (a) Damper plate (b) Cross sectional view of damper assembly and damping land and fluid channel.
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R1 to R2 so average of radius (R1+R2)/2 is taken, thus effective 
area will become 1 2 2( )R R cπ + . Clearance has been provided in 
end plate over l1 length. From Fig. 4, channel of section 1 and 2 
are in are identical so Q1 and Q2 will be same i.e. 1 2Q Q Q= = , 
Applying the hagen–Poiseuille model (Singh7, et al.) 
damping coefficient Cd can be written as14 
1
1
1 1 1 2 2
/ 2
128 ( )
( )d
ltC R t
R c R R c
= η + θ
θ π +
                          (1)
From eqn. (1) damping varies inversely with C1, the 
damping land clearance, due to squeeze effect. Lower bound 
of C1is determined by the EDM wire diameter and also the 
maximum rotor motion which can result in damper closing 
and introducing nonlinear effects also called ‘bottom out’ of 
damper.
2.2 parametric Analysis of compact SFD for 
Damping Coefficient
Parametric analysis has been done for eqn. (1) with 
numerical values η- dynamic viscosity of fluid is  0.112 Pa-s, t- 
thickness of damper plate is 5 mm, C1- damping land clearance 
is 1 mm, C2- clearance between end plate and damping land  is 
0.25 mm, l1-effective length of clearance C2 is 14 mm (l1=C1-
C2) , R1-radius at which at which C2 starts is 51 mm, R2 Radius 
at which C2 ends (o ring groove) is 37 mm, θ is angle made by 
one damping arc is 52°. 
From this parametric analysis it is seen that the generated 
damping is linear with respect to the viscosity of the fluid, 
thickness of the damper plate (width of the damper ‘piston’) 
and flow length between the end plate and damper plate.
It is nonlinear with respect to damping land clearance and 
clearance between the end plate and damper plate. Damping 
land clearance is limited by the diameter of the EDM wire and 
also minimum amount for damper closure during high whirl 
amplitude of the rotor. Minimum gap between damper plate 
and end plate depends on the sealing configuration (o-ring 
diameter)
3. MAgNeto RheologICAl FluID
AMT- DAMPRo MR Fluid by Falcon MR Tech Limited, 
India has been used in this compact SFD. The relationship for 
the dynamic viscosity in Pa-s and magnetic field B in tesla (T) 
is given by the eqn. (2)
5 4 3
2
2908* 6422* 5611*
2338* 49.62* 1.736
B B B
B B
η = − + −
+ + +
                         (2)
It is linearised about 0.00157 T since the maximum 
magnetic field for this work can be 0.002512 T (limitations 
of number of coils and current as used in the experiments, 
explained later). using Taylor series about 0.00157 T we get 
dynamic viscosity as function of magnetic field
56.92* 1.731Bη = +                                                     (3) 
4. ANAlySIS oF RotoR SySteM AND 
CoNtRolleR DeSIgN 
From the equation of motion (eqn. (4)) of a rotor system 
transfer function of rotor system has been derived. For a 
symmetrical Jeffcott rotor, there are negligible gyroscopic 
below the first critical speed so 1-DoF of the rotor is considered, 
i.e. vibration in one orthogonal direction to the rotational axis. 
In this simulation gyroscopic effect has not been considered. 
Equation of motion for 1-DOF rotor system is
d unbMx C x Kx F+ + =                                                       (4)
2 sinunbF me t= ω ω                                                          (5)
where M is mass of disk, Cd damping coefficient, K is stiffness, 
m is unbalance mass, e is a distance of the unbalance mass 
from the center of the disk and ω is the angular velocity of the 
rotor.
Laplace transforms of eqn. (4), assuming zero initial 
conditions
2
( ) 1/
( ) /d
X s M
CF s s s K m
M
=
+ +
                                      (6)
K/M is equal to square of natural frequency of rotor system 
and for analysis natural frequency ( nω ) is 26 hz. C/M is equal 
to 2 nςω , where ζ is damping ratio  of rotor system13.
other parameters, based on the experimental data, used 
in simulation are: mass of disk M = 2.88 Kg, unbalance mass 
m = 0.015 Kg, eccentricity e = 50 mm from center of the disk, 
rotational speed 150 rad/s. The damping ratio due to structural 
damping of the system is a low value of 0.02. This is the value 
of damping ratio when the damper has no oil. To observe the 
transient response of the rotor system an impulse excitation is 
applied with sinusoidal input 150 /rad sω = . These impulse 
excitations could be representative of impulse/shock load on 
rotors.
4.1 Controller Design and Analysis
Cd is damping coefficient and it depends on the viscosity 
of fluid inside the damper, viscosity of MR fluid is dependent 
on magnetic field applied across the damper. Magnetic field 
across the damper can be controlled by varying the current in 
the coil. So, according to the vibration levels current should 
be applied into the coil to apply the adequate damping force 
for containing the rotor vibrations. The damping force can be 
written as eqn. (7)
d dF C x=                                                                         (7)
where Cd is the function of viscosity of fluid inside the 
damper. 
( )dC kf= µ                                                                      (8)
k is the proportionality constant and depends on geometry of 
damper. From eqn. (1)
1
1
1 1 1 2 2
/ 2
128 *( )
( )d
ltC R t
R C R R C
= η + Θ
Θ Π +
                   (9)
From eqns. (8) and (9)
 
1
1
1 1 1 2 2
/ 2
128*( )
( )
ltk R t
R C R R C
= + Θ
Θ Π +
                     (10)
Substituting value of the parameters in eqn. (10)
10.1081k =
equation (7) is then
10.1081dF x= η                                                           (11)
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From eqn. (3)
10.1081*(56.92* 1.731)dF B x= +                               (12)
 For this simulation, magnetic flux (tesla) generated is 
2
NIB
r
µ=                                                                       (13)
here N is the number of turns on solenoid, r is the radius of the 
circular loop of solenoid coil, µ  is the magnetic permeability 
of free space. In the experimental setup n = 60 turns, the value 
of I, current, is variable. Value used in simulation are same as 
of actual experimental setup. Control logic is implemented to 
control the vibration of the rotor system given in Fig. 2. 
Structural and viscous damping has been considered, of 
which, structural damping is constant. Viscous damping is 
variable depending on magnetic field. In the Simulink model, 
Fig. 2, sinusoidal input is given to the system. At t = 5 s impulse 
of 20 unit has been added to observe the transient response. 
This analysis was done at rotational speed of 150 rad/s. 
Two cases were analysed, in the first case there is no control 
logic, damping provided to the system is structural damping 
(ζ=0.02). In the second case control logic is implemented with 
a proportional controller (gain k=20). In this analysis, Fig. 3, 
it was found that with the control logic vibration amplitude 
level has been reduced also as the control was implemented 
the waveform  achieves its steady state faster with almost no 
transient envelope of the response.
4.2 parametric Analysis of the Compact SFD
The design parameters of the compact SFD are varied 
in defined ranges and effect on response of the rotor system 
studied. For this the Simulink9 model developed for open loop 
with unbalance force is used for analysis. 
From the parametric runs, Fig. 4 it is observed that if 
damper plate thickness is more it introduces more damping. 
This is logical since increase in plate thickness increases area 
of damper (piston). For less thickness damping is negligible. 
On the other hand smaller dimensions of C1- damper land 
clearance and C2- end plate clearance gives rise to higher 
damping. Also for very small C1 and C2 response is very 
sensitive to these clearance values. Following conclusion can 
be made from Fig. 4.
• Damping land clearance should have minimum value 
for higher damping. But if damping land clearance is 
very small then ‘bottom out’ will occur for high rotor 
amplitudes which results in nonlinear stiffness of ‘S’ 
shaped spring
• Clearance between end plate and damper plate should be 
as small as possible for higher damping, higher clearance 
will result in low damping.
• Damper plate thickness should be high. But if damper 
plate thickness is high it will increase the stiffness of the 
‘S’ spring. 
• Flow length should be high, although this is the parameter 
on which response has least sensitivity
Figure 3 Simulation: Response to impulse excitation of rotor system.
Figure 2. Control logic in SIMulINK9.
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5. expeRIMeNtAl Setup
5.1 Rotor System
To study the lateral vibration of rotor caused by rotor 
unbalance, a rotor system was fabricated by Saksena8. It 
consists of a shaft of diameter (d) 20 mm and length 1000 mm, 
having a disk at the center of shaft. Mass of the disk is 2.88 Kg. 
Below is a list of components of the rotor system.
i. Mild steel disc of diameter 150 mm with collars for locks, 
and thickness 20 mm.
ii. Mild steel shaft of diameter 20 mm and length of 1000 
mm. 
iii. 58 1hP 24 Volt DC- BLDC Motor by Tachometric 
Controls.
iv. Two SKF 6004 bearing. 
v. Coupling for connecting motor to the shaft and two 
bearing housings. 
vi. 250 ml of MR Fluid (FALCon MR-TeCh)
vii. DC power supply of 720 W, Max voltage 36 V and 
maximum current 20 A.
The rotor has been designed using KISSsoft10, Fig. 5. The 
compact SFD is as shown in Fig. 6. To control the viscosity of 
MR fluid with the help of external magnetic field, two solenoid 
plates were placed with copper wire winding over it, and damper 
is situated in between the solenoid plates. (Fig. 7) The solenoid 
plate has copper wire winding over it. Two proximity probe 
(inductive type) are used for measurement of vibration of shaft 
(in terms of displacement) in x and y-orthogonal directions. 
6. expeRIMeNtAl ANAlySIS AND ReSultS
6.1 Impulse (Impact hammer) test
In impact hammer tests, an impulse was applied to the 
rotor system. Multiple impact hammer test on rotor system were 
carried out to identify natural frequency, structural damping of 
Figure 4 Response vs. design parameters.
Figure 5. test rotor system.
Figure 6. Actual damper assembly (a) Front view (b) side view.
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rotor and viscous damping of damper as well. To conduct these 
experiments a Bruel & Kjær’s impact hammer with load cell 
tip, Polytec PDV Laser Vibrometer, Data Acquisition System, 
Vibsoft Software (vibration analyser) are used. 
6.2 Natural Frequency test
Verification of theoretical natural frequency has been 
done using an impact hammer test. In this experiment, rotor 
system has been excited with an instrumented impact hammer 
impulse at the disk.
The natural frequency obtained from the experiment was 
27.91 Hz. Calculated natural frequency is 25.84 Hz without 
damper. The small difference can be attributed to different end 
conditions on the bearings in theory and experiment.
6.3 estimation of Damping
Impact hammer test has been carried out on a stationary 
rotor, to find the structural damping of the rotor system and 
viscous damping of the damper as well. This test was performed 
with different damper system configuration.
6.3.1 Case I: Damping Test without Oil
To find out the structural damping of the rotor system 
damper is not activated, i.e. there was no oil in damper. An 
impact hammer, at the disk, excited rotor system and response 
of rotor in terms of velocity was recorded by laser Vibrometer. 
Velocity amplitude with respect to time has been plotted in 
Fig. 8. Velocity amplitude decay curve with almost linear 
envelope shows that there is structural damping (non-viscous13) 
in the rotor system.
6.3.2 Case II: Damping Test with Oil 
To investigate about the viscous damping of damper, it 
was activated, i.e. filled with gear Drive oil with viscosity 90 
cst. The rotor was excited by an impact hammer at the disk 
location and vibration amplitude in terms of velocity was 
recorded by vibrometer. 
This experiment was performed to investigate level of 
viscous damping provided by this damper. As can be seen in 
Fig. 8, with oil, the oscillations start with higher amplitude 
than without oil but reach the same value in the same time- 
which is due to greater damping. Oscillation with oil, attenuate 
sooner than without oil. This indicates that with damper with 
oil has damping consisting of viscous damping and structural 
damping.
6.3.3 Case III: Damping Test with MR Fluid
From case II results, it has been verified that damper is 
providing viscous and structural damping both. To provide 
variable damping force to the system, MR fluid is now filled 
in the damper. This experiment was performed at 0 A, 2 A 
and 4 A current. From Fig. 9 it is observed that on application 
of variable magnetic field, variable damping force can be 
obtained. As the magnetic field increased damping of the 
system also increased.
From Fig. 9(a) MR fluid with 2 A current in coil has more 
damping than 0 A current. Similarly from Fig. 9(b) MR fluid 
with 4 A current in coil has more damping than previous two 
experiments. It can be seen from the Fig. 3 that curve with 
higher damping characteristics, requires less time to reach the 
steady state value.
Figure 7. Solenoid and damper plate (a) schematic (b) Actual assembly.
Figure 8. Response of rotor for impact hammer test on stationary rotor.
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Damping ratio ζ can be calculated from Figs. 8 and 9. 
Logarithmic decrement δ is given by-13
2δ = πz                                                                         (14)
Case I, II and III results are compared in Table 1
table 1. Damping ratio calculated from experimental results
Description z
Case I: without oil 0.02
Case II: with gear drive oil 0.04
Case III: MR fluid 0 amp current into the coil 0.045
2 amp current into the coil 0.06
4 amp current into the coil 0.09
6.4 Measurement of Vibration Amplitude and It’s 
Control
Feedback control has been implemented to provide 
variable damping force in the rotor system (Fig. 2). Proportional 
controller was used to control vibration level. After receiving 
information from sensor, the Arduino sends PWM control 
signal to the driver circuit. According to the PWM signal, driver 
applies voltage across the coil, which results in the magnetic 
field generation, and this magnetic field changes the viscosity 
of MR fluid. Variable viscosity of MR fluid provides variable 
damping to the system. This experiment was performed at a 
speed of 550 RPM. There are two sensors placed orthogonally 
on the shaft for signals from X and Y directions. To obtain 
transient response of the system, impulse input was applied 
through a hammer by impacting the rotor at the disc, while it 
was rotating in this low speed. 
Single plane balancing of the rotor was done before 
performing this experiment. Before balancing vibration 
amplitude in terms of velocity was 989 mm/s at 520 RPM, after 
balancing the rotor this amplitude is reduced to 147 mm/s.
Case I: Response of rotor without control 
MR fluid is operated in off state with gain = 0
Case II: Response of rotor with controller gain 1
In this experiment controller gain was increased (doubled) 
to 1.  At this gain maximum current into the coil will be 4 amp. 
Response of rotor running at 550 RPM after increasing the 
gain, displacement in x is reduced from 0.41 mm to 0.31 mm, 
and displacement in y is reduced from 0.45 mm to 0.36 mm as 
shown in Fig. 10.
To analyse the transient response of rotor impulse input 
Figure 9 Impact hammer test with MR fluid (a) 0 amp and 2 amp (b) 2 amp and 4 amp current.
Figure 10. Comparison of rotor response at gain 1 and at gain 
0 (without control).
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was applied through hammer impact on disk in y direction, for 
a rotor running at 550 RPM as shown in Fig. 11.
Due to impulse input of the hammer vibration amplitude 
was increased, and it returns to its steady state value. If there is 
no controller system will take more time to return to its steady 
state. But on application of controller this transient time is 
reduced. It can be seen from Fig. 11, with controller, transient 
response to the impulse input is decreased. This compares well 
with the trend in theoretical results as shown in Fig. 3.
6.5 Comparison of Analytical and experimental 
Results
From experimental results it is seen that for 550 RPM at 
sensor position i.e. 185 mm from damper end
i. Without controller whirl maximum displacement in X 
and Y directions are 0.41 mm and 0.46 mm.
ii. With controller (gain=1) whirl maximum displacement in 
X and Y directions are 0.31 mm and 0.36 mm. 
To find out the maximum displacement due to unbalance 
at disk location beam bending equations considering Euler 
beam, have been used for simply supported beam bending 
under a force (unbalance) at the middle of the beam.
1.719*disk sensorD D=                                                        (15)
From the above equations the experimental whirl 
amplitude in X and Y directions at the disk location, 
i. Without control is 0.704 mm and 0.79 mm, respectively.
ii. With control it is 0.53 mm and 0.61 mm, respectively.
Theoretically the unbalance response of rotor is calculated 
based on a single degree of freedom model with no gyroscopic 
and well below the first critical13. At unbalance of 0.014 kg-m 
with controller gain 1 (ζ = 0.1) displacement in X and y should 
be 0.68 mm (circular whirl orbit radius).
So, while analytically we find the displacement in X and 
y to be 0.68 mm respectively , experimentally it comes out to 
be 0.53 mm and 0.61 mm in X and Y respectively. 
From above, it is seen  that experimental result are close 
but less than analytical result due to end conditions actually 
being between simply supported and fixed, also possibly due 
to 
i. Sensor error and data acquisition error due to interference 
of AC signal.
ii. error in linearisation of the mathematical expression of 
MR fluid viscosity.
iii. Modelling the rotor as a one degree of freedom system 
is an assumption which contributes to the difference and 
will be taken care of in the future work.
7. CoNCluSIoNS
A compact SFD has been fabricated based on damper 
design reported before by Zeidan3, et al., De Santiago4, et al. 
and Ertas5, et al.. Different from previous reported literature 
a ball bearing with MR fluid is used in this SFD. The major 
manufacturing process for this SFD has been EDM. A damping 
model for this SFD has been made considering flow of liquid 
through the SFD clearances and flow paths. From the model 
it can be seen that the damping generated is mostly linear 
with these parameters except for damping land clearance and 
clearance between plates. This model is used in defining the 
damping and used for a single degree of freedom model of a 
Jeffcott rotor, with centrally placed disc. The rotor is analysed 
for this damping, stiffness and mass values for a centrally 
placed disc running at speeds less than 50 % of first critical 
for which gyroscopic effects are negligible. With negligible 
coupling between X and Y radial directions, single degree of 
freedom model for X and y is used for simulating in MATLAB 
and Simulink9. The model is used for a parametric study of 
damping land clearance C1, endplate-damper plate clearance 
C2, flow length l1 and thickness of plate ‘t’. This study shows 
that end clearance (between damper plate and endplate) and 
land clearance (determined by eDM process) and thickness of 
the damper plate are very important for generating effective 
damping. This model is used for developing a proportional 
feedback controller with control of damping. MR fluid 
viscosity for different current (magnetic field) is linearised and 
Figure 11. Impulse response of the rotor.
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included in this model. From experimental results it was found 
that proposed compact SFD damper can reduce the vibration of 
rotor. Integration of damper and bearing into single unit makes 
it compact in size. Due to its compact size it requires lesser 
space than conventional SFD. using MR fluid with proposed 
compact SFD increases its effectiveness. It can be seen from 
the experimental results that dynamic characteristics of rotor 
can be easily controlled by the application of external magnetic 
field. With MR fluid variable damping force can be provided 
to the system without changing the dimensions of damper. 
Dynamic characteristics of damper can be controlled by simply 
changing the current into the coil. This compact SFD with MR 
fluid is effective in controlling the vibration. For both transient 
(impulse) loading the feedback control reduced transients. This 
was seen from the theoretical model and also experimental 
results. Similarly for steady state conditions by changing 
the control gain the rotor vibrations could be reduced. The 
theoretical results are close to experimental results.
Clearance between end plates and damper plate should be 
as low as possible (Fig. 4), to increase the damping capability 
of damper.  The damping land clearance should be small, as it 
determines squeeze film damping, however eDM wire diameter 
and also maximum rotor motion determines the lower bound 
on this. Ongoing work is investigating various topologies of 
the damper.
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